The design of the support system (shaft, bearings, and mechanical coupling devices) of the rotor plays a key role in the development of efficient micro-gas turbines (micro-GTs) for distributed power generation. Foil air bearings are the most widespread technical solution well suited to design a reliable support system, although they cannot withstand a large number of start-stop cycles of the units. In order to overcome such limitation, we have recently proposed an innovative support system that takes advantage of spline couplings and two bearing types (e.g., air and rolling-element bearings). The devised support system employs splines as both convenient coupling systems and actuators for the load partition between the two bearing types. In the present work, the helical spline coupling is studied by means of structural FEM analyses including contact simulation in order to design the support system. Numerical results confirm previous findings in that the load transfer through the spline coupling is mainly a function of the helix angle. In addition, friction factor and structural stiffness cannot be neglected in the accurate design of the spline coupling. Such design parameters are now included in the proposed design procedure, which formerly assumed frictionless contact and rigid bodies.
Introduction
Due to the high speeds of rotation (in the order of 10 5 rpm) and operating temperatures (up to 1000 ∘ C), bearings are among the most stressed mechanical components in microgas turbine (micro-GT) systems, and therefore lubrication as well as a support system plays a key role in the operation of the machine.
The adoption of a single type of bearing is typical of bearing arrangements that are usually employed in commercial micro-GT units. Existing micro-GT installations employ foil (aerodynamic) and rolling-element bearings, where the former solution is certainly more innovative and promising. Conventional bearings (rolling-element type) are still used in micro-GT systems for reasons of size and cost; for example, since 1999, Capstone have offered a version of their Model 330 microturbine with a ball-bearing-based compressor and continued to offer the ball bearing compressor as an economical option for medium-pressure applications. Differently, oilfree support systems rely on the main patent of Capstone technology, which has been developed by the US National Aeronautics and Space Administration (NASA).
However, in the design of a novel support system for the shaft, it is reasonable to consider magnetic bearings as a convenient alternative. Indeed, their advantages over conventional bearings are as follows: oil-free operation, extreme temperature as well as active control for active magnetic bearings (AMBs) [1] , ease of miniaturization [2] , and independence of external energy input for passive magnetic bearings (PMBs) [3] . Usually, the advantage of the resistance to high temperatures makes AMBs the preferred choice for the application at hand.
Despite such features of magnetic supports, foil air bearings are considered the first choice for oil-free micro-GT applications. Indeed, in comparison with AMBs, foil bearings have lower upfront cost and fewer failure modes [4] and do not consume energy to supply electromagnets. However, magnetic bearings ensure longer life, lower friction, and potentially less severe failures.
Therefore, magnetic bearings are preferred for large engines operating at high loads and relatively lower speed, while the opposite is true for foil bearings. Indeed, air bearings do not carry high loads at lower speeds, as gas viscosity is low, and adhesion of their tribological coatings to 2 Advances in Tribology large diameter shafts under large centrifugal forces is difficult [1] .
With regard to conventional bearings (rolling-element type), often used in low-power micro-GT units for reasons of size and cost, the fundamental problem is the duration that is limited by the phenomenon of fatigue and is load-dependent. Indeed, for these supports, the "carrying capacity" is the ability of the bearing to carry a given load for a predetermined number of cycles or revolutions [5] .
On the other hand, foil bearings have a life dependent on the number of starts and stops of the machine. Rubbing between the top foil and journal surfaces, which are preloaded against each other, occurs at a low speed when the shaft is not airborne. Therefore, starts and stops are the only events in which the bearing sheets are prone to wear. Hence, expensive tribological coatings on both the top foil and the shaft are required [6, 7] . The start/stop performance is important as micro-GT units are expected to withstand the wear of daily starts and stops. A US government/industry program has got recently underway, where the machines are tested to assess their performance including start and stop capabilities.
The proof of the research effort to improve the start/stop performance of air bearing yields is given by many published works. For example, solid lubrication has been studied in many pertinent papers [6, [8] [9] [10] . Advances in such field are turned into new patents. For example, a powder having lubricating properties can be interposed between the bearing surfaces in order to provide lubrication of foil bearings at low speed, when the journal is not airborne [11] . It forms a film whose lubricity and adhesion properties are capable of reducing torque and increasing bearing life. The powder acts during mixed lubrication and it is displaced when the journal is airborne. Nevertheless, it may influence aerodynamic lubrication to a certain extent. In any case, solid lubrication cannot get rid of wear completely.
In [12] , we have presented the conceptual design of a new support system that is capable of removing axial load from the air thrust bearing during mixed lubrication regime, thus eliminating start/stop wear. The axial load is shared by two axial bearings of different types. Indeed, the invention is based on the idea that since each bearing type has different strengths and weaknesses, using different types of bearings in the same support system yields benefits. Accordingly, the proposed innovation overcomes the above-cited flaws of the support systems adopted in micro-GT and, at the same time, takes advantage of the best qualities of different bearing types. Indeed, it is capable of matching different types of bearings and managing the relevant loads by means of suitable shafthub couplings.
A convenient solution for the coupling between the shaft and hubs of compressor and turbine rotors may be the use of splines. Indeed, aircraft engines adopt splines and many gas turbines are derivatives of aircraft engines [13] . In comparison with shrink fits, such design solution, without heavily limiting the transmissible torque as in the case of keys, boasts the considerable advantage of ease in assembly and disassembly [14] . This may be particularly interesting for a small machine like a microturbine, in order to facilitate maintenance and inspections. In addition, in comparison with keys, spline couplings provide higher load carrying capacity that often turns into better durability and allows for a certain amount of angular misalignment as well as relative sliding between the shaft and the hub [15] .
In this work, the use of a helical spline as an actuator capable of transferring axial load between two bearings of convenient type is studied. The operation of helical splines is analyzed by means of a nonlinear structural model of the hub-shaft assembly and the finite element method (FEM). Table 1 reports the main data of a 100 kW micro-GT unit designed in previous works [12, 16] . It also includes the relevant loads, that is, the turbine and compressor thrusts and , respectively, as well as the vertical load . Such thrusts, whose positive direction is from the compressor to the turbine, are the result of the axial forces exerted on the blades and on the backside of the impellers by the working fluid. Differently, load is due to the weight of the rotor. Two load cases (referred to as A and B) characterized by the same modulus (a reference value of 500 N) of the resultant thrust,
Case Study
are studied. Particularly, in case A, both the turbine and the compressor impeller thrusts are directed toward the external side of the unit ( > 0, < 0). Differently, in case B, both thrusts are directed toward the inner side of the machine and the total thrust direction reverses too ( < 0, > 0). As detailed in [12] , for different impeller geometries, which may yield different pressures on the clearances between the casing cover and impeller back shroud (backside pressures), the impeller thrusts can be either external or internal, as in cases A and B, respectively.
Compressor and turbine axial loads are the most significant in a microturbine, since they are 10x greater than the radial ones (shaft weight). For the application in this study, due to high axial loads, durations of rolling-element bearings correlated to fatigue phenomenon are very low compared with the life of a micro-GT unit (60.000-80.000 hours) [12] .
The Innovative Layout
As already explained in detail in [12] , the main goal of the novel assembly is to separate the axial load exerted by the impellers into two parts. The first part of the thrust directly loads the main axial bearing, without getting through the shaft. This type of load application will be referred to as "direct" in the following. Differently, the second part is managed like in conventional support systems; that is, the impellers exert the thrust on the shaft that, in turn, transfers it to an additional (auxiliary) axial bearing.
Particularly, for the sake of simplicity, only the axial load exerted by the turbine impeller is separated, as it is higher than the compressor one. The direct application of the axial load is not a new idea, as reported in [17] . Differently, in such reference patent, the compressor impeller in place of the turbine one directly exerts thrust on the axial bearing. In order to take advantage of the above-cited peculiar attitudes of each bearing type, main and auxiliary bearings are different (e.g., the main thrust support is a foil air bearing, while the auxiliary one is rolling-element type).
Therefore, such thrust load separation allows the support system to switch between the two types of bearings automatically when the unit ends the transient operation. In addition, it employs helical splines as both convenient shaftimpeller coupling systems and actuators suitable to adjust the entity of the load transferred to each thrust bearing. Indeed, a convenient partitioning of the turbine thrust is required in order to optimize the behavior of the support system [12] . Figure 1 depicts all of the axial forces acting on the rotor components in nominal conditions, according to the modifications resulting from the innovation.
is the axial force that the main axial bearing (4) exerts on the turbine impeller (1), while is the thrust that the auxiliary axial bearing (3) exerts on the shaft (5). Considering force equilibrium in static condition yields
Constraints (4A) and (4B) in Figure 1 simulate in case either A or B, respectively, the main axial bearing (4) that carries the load . The axial forces are the (equal) action and reaction that the turbine impeller exerts on the shaft through the helical spline and will be referred to as load transfer. Its modulus is lower than the ones of turbine and compressor thrust. The total thrust that acts on the shaft is and is carried by the auxiliary axial bearing (3). The torque is the resisting torque of the turbine due to the pressure exerted on the relevant blades.
In the case of positive resultant thrust (case B, < 0), equation (2) yields that the constraint modeling the main thrust bearing in Figure 1 must be (4B); that is, the axial force exerted by the bearing on the impeller is positive ( > 0). Contrarily, in case A, since < 0, the constraint must be (4A). In other words, the location of the thrust main bearing (4) with reference to the machine frame should be different in cases A and B.
For example, the runner of the main thrust bearing (4) might be mounted on the high-pressure side of the impeller (1) and on its opposite side in cases B and A, respectively. The location of the pads of bearing (4) 
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Figure 2: Section of the micro-GT support system assembly designed according to the invention. (1)
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Thrust runner (12) Thrust pads (13) Turbine impeller spacer (14) Journal bearing (15) Inner ring shoulder of journal bearing (16) Flat washer (17) Locking ring nut effect thrust bearings would not be optimal from the point of view of the machine layout. A more straightforward solution consists in manufacturing a thrust collar/runner that is either an integral part of the turbine impeller or rigidly fastened to it, so that pads of bearing (4) can be located on both sides of the runner regardless of the thrust direction. Accordingly, the assembly drawing of the invention is reported in Figure 2 . Such support system is suited to both positive and negative nominal thrusts (with a consistent choice of the helix angle of the spline coupling) as well as transient loading conditions. The numbered components are listed in Table 2 . In this case, the main thrust bearing (4) is a double-effect foil air bearing instead of a single effect one. In other words, the pads (12) are located on both sides of the thrust collar/runner (11) . The group of pads on the side that carries the thrust load in nominal working conditions is termed the "loaded" or active bearing, while the other group, on the opposite side of the thrust collar, is called the "slack" side or inactive bearing.
In Figures 2 and 3 , a second set of (nonlocating) angular contact bearings (14) in back-to-back arrangement, which 
ca1 ca2 cs2 cs1 is not included in the scheme of Figure 1 , is added to the assembly near the turbine. In this case, at low speeds, the annular shoulder (8) does not receive the thrust load directly from the turbine impeller (1). Indeed, it exerts the thrust on the inner ring side (15) (Figure 3 ) of the bearing (14) . Anyway, the behavior of the invention does not change, as the bearing (14) is not constrained in the axial direction and, therefore, no axial load is transferred to the frame (9) .
The flat washer (16) is fastened to the shaft (5) with a locking ring nut (17) . The spacer (13) is mounted between the washer (16) and the impeller (1) in order to adjust the axial gap of the turbine hub-shaft coupling. Similarly, two spacers (10) are employed to adjust the axial clearance of the air bearings (the active as well as the inactive one).
Particularly, as shown in Figure 3 , the total axial clearance of the turbine hub-shaft coupling is the sum of the clearances 1 and 2 ( = 1 + 2 ). In the following, the gap between pads and the runner of the air bearings is the desired operating clearance and it is referred to as "hot" clearance. The gap 1 is the clearance between the spacer (13) and the turbine impeller (1), while 2 is the gap between the turbine impeller (1) and the inner ring side (15) of the bearing (14) . Similarly, the total hot clearance of the double-effect air bearing (4) 2 , which are the hot clearances between runner (11) and pads (12) of the active and the inactive bearing ( = 1 + 2 ).
In order to avoid wear of the double-effect air bearing (4) due to dry contact between the runner and pads at low speed, its total hot clearance must be higher than the clearance of the turbine hub-shaft coupling ( > ). Indeed, the axial clearance of the coupling (6) must be very little (in the micron-length scale). Anyway, must be greater than the equivalent RMS roughness of the two contact surfaces at the impeller (1)/inner ring side (15) interface (or impeller/annular shoulder (8) , if the bearing (14) is not employed), in order to provide the relief of the secondary axial bearing (3) over the speed at which the runner (11) becomes airborne.
FEM Analysis of the Spline Coupling
The law of load distribution followed during nominal operation by the helical spline pair, employed as a mechanical actuator besides a simple coupling system, must be determined. To this end, a campaign of FEM structural analyses has been carried out on a model of a helical spline coupling with parallel-side profiles by varying the design lead angle from 45 to 135 deg (admissible range for helical gears). Design data of the spline coupling are reported in Table 1 . The reference system, the lead angle , and the helix angle (geometric complement of ) of the spline coupling model are shown in Figures 1 and 4 . In agreement with the lead angle definition, the middle of the range ( = 90 deg) corresponds to a spline with rectilinear generatrices (straight teeth).
The virtual model, fully developed by means of the ANSYS Parametric Design Language (APDL) in ANSYS 15.0, is parametric in that the geometry is completely defined by parameters (diameters, axial length, number of keys, and helix angle). The three-dimensional models of hub and shaft are meshed by means of first-order isoparametric structural solid elements (SOLID185), as shown in Figures 5(a) and  5(b), respectively (for = 135 deg) . Then, the two meshed components are matched and their interface is modeled by means of surface-to-surface contact elements (CONTA173 and TARGE170) with zero initial gap and isotropic friction (friction factor = 0, 0.15, 0.3, and 0.45). The resulting nonlinear model of the coupling includes 103,566 nodes and 104,160 elements. The default augmented Lagrangian solver is employed. The elapsed time required to calculate results for all the considered ranges of with a step of 5 deg (a single curve in the plots discussed below) is roughly 4-5 hours on a conventional PC (AMD FX-8350 eight-core processor, 4 GHz clock, 16 GB RAM). Although a second-order mesh (including SOLID186, CONTA174 element types) has been also tested, due to the much higher elapsed time, the relevant results have been only used in order to confirm the results obtained by means of the first-order mesh. Some secondorder calculations have confirmed the trends published in the following. A cyclic model has also been tested in order to reduce the elapsed computational time. Nevertheless, it does not give consistent results under torque load and when the lead angle is small.
Initially, case B (the case with higher thrust) is simulated after it is subdivided into two simpler load cases; that is, the hub is loaded either by an axial force or by a torque (Figure 4) . Particularly, as suggested by Figure 1 the nominal thrust = and torque = (Table 1) are applied to one side of the hub. Therefore, in the former load case, the hub is loaded by a compressive stress ( < 0), while in the latter the torque acts on the hub so that, due to the threaded connection, it tends to move with reference to the shaft either in the positive direction if < 90 deg or in the negative one if > 90 deg. Since reversing the direction of the torque load yields periodic results (with period = 90 deg) and the hub stress due to the thrust load relevant to case B is compressive between the blades and the bearing, unidirectional loads are considered. Finally, a combined load case is simulated, where force and torque are simultaneously applied.
The axial load on the hub side is obtained by distributing a suitable uniform pressure on the corresponding surface, in which the axial section localized at = is shown in Figure 6(a) . Differently, the torque is generated on the same section ( = ) either by means of a multipoint constraint (MPC) contact region that is bonded to a pilot node transmitting the torque or, equivalently, by applying circumferential nodal forces proportional to the radial coordinate ( Figure 6(b) ). At the opposite side of the assembly (section localized at = 0), the nodes lying on the shaft are fully constrained, while those on the hub section cannot move in the axial direction, as summarized by Figure 6 (c). summing the nodal reactions of the constrained nodes that lie on the corresponding surfaces. Figure 1 enables us to relate the FEM model reactions to the axial thrusts of the device as follows:
Results and Discussion
Accordingly, is the reaction that constraints exert on the grooved part of the shaft and it represents the load transfer from the hub to the remaining part of the shaft through the spline surfaces. In the same figures, Figures 7 and 8 , the corresponding results for a frictionless rigid model are added for the sake of comparison.
The analytical expression of for the frictionless rigid model has been already defined in [12] , where it has been found that deformations exert little effects on load transfer in frictionless spline couplings. Indeed, in Figures 7 and  8 , the rigid model trends of ℎ and (dashed lines) fit the frictionless FEM model corresponding points (circle markers) with low and negligible relative errors, in the order of 1% and 0.1% of the applied axial force and transmitted load, respectively. On the contrary, when a friction factor = 0.3 is assumed, these relative errors (difference between results of frictionless rigid and FEM models with = 0.3) for axial force and torque load cases reach a maximum of 15% for = 45 or 135 deg and 140% at = 45 deg, respectively. Therefore, the influence of friction on the load transfer is very significant so that the manageable analytical rigid model can be only used as a first approximation in the machine design.
With respect to the straight-tooth spline geometry ( = 90 deg) for the axial force load case, ℎ and curves are symmetric, while for the torque load case they are antisymmetric only when friction is neglected. Particularly, the load transfer due to torque is not zero for the straighttooth spline when friction is taken into account. Indeed, since under torque load the rotations of the axial sections increase with their distance from the constrained section, the deformed shape of the straight generatrix of a tooth becomes similar to a helix, as shown in Figure 9 , so that the resulting tangential stresses due to friction yield an axial load component.
For both axial force and torque load cases, maximum equivalent stress and maximum contact pressure in the coupling model are plotted as a function of lead angle in Figures  10 and 11 , respectively. In comparison with the axial force, the torque load case yields much higher stresses (2 orders of magnitude), as in this condition the coupling behaves like an actuator that without the constraints would cause a relative motion between the shaft and the hub. Therefore, stress due to torque load can exceed yield stress of the material and its effect must be considered in structural design.
For the force load case, maximum equivalent stress and maximum contact pressure trends (Figures 10 and 11 ) are symmetric with respect to = 90 deg. At the same angle, they reach minimum values, since the load transfer = (Figure 7 ) is either zero for the frictionless model or very little when friction is considered. Maximum Von Mises stress variations ( Figure 10 ) with helix angle are greater when the lead angle is lower than 70 deg or higher than 110 deg and the curves tend to become roughly linear. Accordingly, the maximum contact pressures (Figure 11 ) are higher when helix angles are greater in magnitude, in agreement with the load transfer rise (Figure 7) . Indeed, an increase of causes contact pressure and, consequently, equivalent stress to grow.
As far as the effect of friction in the force load case is concerned, Figure 7 shows that a growth of the friction factor tends to level off the hub and shaft reactions ( ℎ and ) by increasing the load transfer in agreement with equations (2) and (3). Nevertheless, such increase of due to the rise of does not yield an increase of maximum stress. On the contrary, it decreases the maximum equivalent stress (Figure 10 ), since part of the load transfer is carried out by the friction forces, whose magnitude and direction are still unable to cause deformation of the pair members. Such phenomenon can also be observed in Figure 11 , where, in comparison with the frictionless model results, limited increases of cause the maximum contact pressure to drop. Nevertheless, for high values of the friction factor ( > 0.3), especially for high magnitude of the helix angle , maximum contact pressure rises with due to the action of the high friction forces, which globally increase the deformations. Such trend is also visible in the maximum equivalent stress plot ( Figure 10 , same values at = 45 or 135 deg for = 0.3 and 0.45), although it is less evident and requires higher values of and . Therefore, for a fixed helix angle, the curve of maximum contact pressure as a function of friction factor has a minimum, as shown in Figure 12 for = 45 deg. The rise of the contact pressure at high friction factors consequently reduces the variation of maximum equivalent stress ( Figure 12 ). In the torque load case, maximum equivalent stress and maximum contact pressure trends are not symmetric with respect to the straight-tooth spline configuration (Figures 10  and 11) . Indeed, stress and contact pressure intensity depend on the handedness of the spline helix with reference to the torque direction. Similarly, in [15] , the numerical simulations of helical gears mounted on shafts by means of helical spline couplings have proved that the selection of a helical spline with the same helix direction as that of the helical gear yields a reduction of the load concentration. Due to such asymmetry, the minima of peak equivalent stress for the frictionless model are reached for = 60 deg or lower angles when the friction factor is high (Figure 10) .
The friction in the torque load case reduces hub and shaft thrusts as well as the load transfer (Figure 8 ) except for the lead angles in the middle of the considered range where rises with . Accordingly, maximum contact pressure ( Figure 11 ( Figure 10 ) follow a similar trend to maximum contact pressure plots, although they are less sensitive to friction. The middle region of lead angles where stress increases with is wider and more shifted to low angles. Figure 13 depicts the reactions ℎ and calculated at the different lead angles under combined load case (simultaneous application of force and torque). Such figure compares the trends obtained by taking advantage of the frictionless rigid model (dashed curves), FEM model with friction ( = 0.3, data marked with triangles), and the superimposition of effects (square labels), that is, the sum of the values obtained for = 0.3 by means of the FEM model in two separate analyses, under force and torque loads. The plot confirms that friction and deformations must be taken into account and the superimposition of effects is not valid due to the nonlinear behavior of the model. The corresponding maximum equivalent stress and maximum contact pressure trends are plotted in Figure 14 . As far as such parameters are concerned, in comparison with reaction curves, superimposition of effect yields better agreement with the FEM model results obtained under combined load. For the sake of structural strength, the design lead angle should be as low as possible. Particularly, 
Design of the Support System
A simple method to choose the helix angle has been previously published in [12] , where it is only applied to load case B, and the effects of friction, axial force, and deformations of the helical spline coupling (6) are neglected. In the present paper, all of these effects are taken into account in order to improve the design method.
The relevant graphical construction, shown in Figures 15  and 16 , is aimed at finding the possible design range for the lead angle . To this end, the load transfer through the coupling together with the corresponding axial loads and of the bearings (4) and (3), respectively, is plotted as a function of the lead angle in nominal working conditions. In Figures 15 and 16 , the constant trends (thick solid lines), which plot the magnitude of the resultant load ref , can be compared with in order to assess for which lead angles the main thrust bearing is either penalized or favored in comparison with a conventional support system [12] . The trends are computed by means of either the FEM model for a friction factor = 0.3 and combined load case or the frictionless rigid model. The corresponding curves of and are found by means of equation (2) . In case B (Figure 15 ), the curves of the load transfer for frictionless rigid and FEM model ( = 0.3) are the same as plotted in Figure 13 , where both torque ( = ) and compressive axial force ( = < 0) are considered in the numerical analysis. Differently, in case A (Figure 16 ), a new plot of is calculated For the reasons explained in [12] , the method of locating the limits for the possible design values of consists in finding the zeros of the functions = ( ) and = ( ). Such zeros enclose the design range of the lead angles and they are represented by star symbols in Figures 15 and 16 , where white and gray stars are related to FEM and rigid model, respectively. The corresponding design limits of the lead angle for load cases A and B are summarized in Table 3 . Such table evidences that the helix angles admissible for design purpose roughly span either 5 deg (rigid model) or 6 deg (FEM model), and friction and deformation tend to increase the angles that mark the boundaries of the design range.
As explained in the case study paragraph, for different impeller geometries, nominal compressor, turbine, and total thrust can vary noticeably in intensity and reverse. Therefore, the range of design helix angles may considerably change with the impeller design. As a rule, the design limits of must be included within the range of lead angles feasible for helical spline couplings and gears; that is, must be in the range of 45-90 deg when both compressor and turbine thrusts are directed toward the inner side of the machine and the resultant thrust is negative, as in case B. Differently, when the resultant thrust is positive ( ref > 0, as in case A), according to the proposed graphical construction, the trend of the load transfer must reach negative values in order to make the thrust functions ( and ) zero, as shown in Figure 16 and suggested by equation (2) . According to load transfer results, this is possible if the lead angle is greater than 90 deg, that is, by means of a reversal of the helix handedness. Again, the lead angle cannot exceed 135 deg, which is a safe operation limit for the actuator, like in helical gears.
In a nutshell, with reference to Figure In wider terms, the helix angle of the spline coupling (6) can be chosen with reference to the nominal working conditions on the basis of the target life of the bearings within a suitable range, whose limits are assessed by means of the proposed graphical construction. The resulting choice of lead angle must finally fall within the admissible range of 45-135 deg.
Conclusions
The conceptual design of an innovative support system capable of drastically improving start/stop performance of modern oil-free micro-GT has been concluded. The rollingelement bearings used in the paper in order to explain the device may be substituted with oil-free magnetic bearings so that a support system with lower current consumption in comparison with systems totally based on AMBs is obtained. The invention can also be used to retrofit the older machines, whose shaft is mounted on rolling-element bearings. Such retrofit cannot be done by means of conventional support systems based on foil air bearings [8] .
In order to perform the detailed design of the invention, structural FEM analyses of the helical spline employed as load partition as well as coupling device have been carried out. Numerical calculations have shown that (i) load partition of the spline coupling strongly depends on friction, which cannot be neglected in the detailed design of the device; (ii) axial load and deformation of the coupling are also influent on load partition; they can only be neglected as first approximation; (iii) deformation and friction tend to level off the thrusts transmitted by the shaft and the hub; (iv) the handedness of the helical spline coupling with respect to the applied torque direction is influential on stress and contact pressure magnitude.
Finally, the previously presented method for the helical spline design [12] has been refined in order to take into account of the above-cited findings. It has been also adapted to the double-effect thrust air bearings, showing that the handedness of the helical spline must be chosen on the basis of which bearing is active in nominal working conditions. Such graphical method has been applied by taking advantage of the new numerical results. The results show that friction and deformation increase the design helix angles.
In the future, a detailed design of the invention will be further studied by considering involute spline profiles as well as by calculating the optimal hot clearances of both thrust bearings and turbine hub-shaft coupling by means of elastoaerodynamic analysis of the thrust foil bearing lubrication. 
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